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Abstract

Split path gearboxes can be attractive alternatives to the
common planetary designs for rotorcraft, but because they
have seen little use, they are relatively high risk designs. To
help reduce the risk of fielding a rotorcraft with a split path
gearbox, the vibration and dynamic characteristics of such a
gearbox were studied. A mathematical model was developed
by using the Lagrangian method, and it was applied to study the
effect of three design variables on the natural frequencies and
vibration energy of the gearbox. The first design variable, shaft
angle, had little influence on the natural frequencies. The
second variable, mesh phasing, had a strong effect on the levels
of vibration energy, with phase angles of 0° and 180° produc-
ing low vibration levels. The third design variable, the stiffness
of the shafts connecting the spur gears to thé helical pinions,
strongly influenced the natural frequencies of some of the
vibration modes, including two of the dominant modes. We
found that, to achieve the lowest level of vibration energy, the
natural frequenciesof these two dominant modes should be less
than those of the main excitation sources.

Introduction

The performance of a rotorcraft drive systém has a signifi-
cant impact on the vehicle’s payload and range, passenger

comfort and safety, operating cost, andreadlness To improve
the drive systém, designers strive for systems that are lighierin
weight, quieter, andmorereﬁablethanthcmm-of
the-art designs. Ammportantdemsnonthntmmbenndee@
in the design of the drive system is the selection of thie gearing

arrnngement.Themostcommonchoweforthe%ﬁ;f@ gearstage

of a helicopter main rotor transmission has been a planetary

stage, which features an output shaft driven by several planets.
" variables on the ;

With this planetary arrangement, power is transmitted through
multiple load paths. The multiple load paths reduce the weight
of the gear train since the size of a gearis determined by the gear
tooth loads rather than the total torque. Planetary stage designs

for rotorcraft hnve been studied and developed extensively
through decades of experience. ,

An alternative 10 & planetary stage is a split path stage. To
date, split path. stages (sometimes called split torque) have
seldom been used in rotorcraft. Although a split path design
feammonlytwolondpuhsraﬂwttbanﬂlethmetosmtyplcal
ofplanetnrydengns it can provide a larger speed reduction at
the final stage and thus the weight of the drive train can be
reduced. White!3 advocated using split torque gear trains for
rotorcraft because they can offer such advantages as lower
weight, fewer parts, higher reliability, reduced noise, and
reduced power losses. However, a lack of experience has
inhibited their use in helicopters since these designs have been
considered costlier to develop and riskier to use than the

_ planetary designs.

Recently, several researchers have studied and developed
split path trapsmission technology. Heath and Bossler* re-
ported on the study and development of a design that features
theuso of fice gears. Hochmiann ctal 3 studied the tooth loading

*pmdodshheﬁcalsearpm of a split path
4ot Rushidi®7 studied the dynamics of a design
ahir8d 4 bearm mechanism which automatically balanced
thepowet tween the two Joad paths. Kish® reported on the
study and develppment of a split path design for a helicopter;
= that work in % extensive laboratory testing, and a similar
dallgnwusveorusemmeU S. Army RAH-66 Comanche
helicopter.. Kahmman9 concluded, afterusing adynamic analy-
. sis to study multi-mesh gear trains, that the positions of the
.-gears had a simiﬁmmmﬂuence on dynamlc response of such
systems. - v .

In this inveshmau. the vibrmon nnd dymnmc characteris-
tics of a split path gearbox were studied. A mathematical model
of the gear train was derived to study the effect of design
frequencies and levels of vibration
‘energy of the gebox. The results of studying three variables,
shaft angle, mesh phasmg, and compound shaft stiffness, are
presented. . -7
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Fig. 2. —Schematic representation of the AHT spiit p# ;
tutgoubox.(l)'l‘opvicwahowingshalhmd inertias.
(b) Front view lhawlng latoral wppom.

version of a torsionally compliant shﬂft mxzh;be comxdmd for
future designs, thecompoundshaﬁsuffwsswgsconsnduedas
a design variable in this study. :

In addition to shaft compliance, we chose two propemes of
the gearbox as design variables and studied their impact on
dynamic response: the first was the shaft angle (Fig. 3), which
deﬁncsthelocanomofthegmoenm ;hepnondwumesh
phasmg(Fxg 4).whnchdcﬁnestherelaﬁveammgoftlw
varying, periodic mesh properties. In practice, fpra given setof
gears and center distances, the mesh phasing is defined by the
shaft angle. Here, however, they were considered as indepen-
dent variables for the purpose of analysis.

Fig. 3.—Two assemblies of same gears at different input
shaft angles. (a) Shaft angle of 140°. (b) Shaft angle of 80°.

8.0x10°

5.0
Fig. 4.—Time-varying spur mesh stiffness showing mesh
phase.



Mathematical Moddng

mmm&iﬁumgnm
developed for- mmmmm of the
modehngmed\ﬁdmﬁefo&dinkcfs.b‘(ld?

gearshafts may move laterally but do not tilt. Axial motions
were not considered in this study. A single lnmped mwss was
mmmmwmmﬁmmwa

Thedimohmt:dthegeummmﬁ
the model to simmiate pitch errors, runout, and other compo-
nemsofstaucmaumonarornotatu'ibunbletosﬁffneu
effects.

Asetofequaﬁomdmonforﬂw mdelwmdeuvedby
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where L = T- V T=taalhneﬁcmy szmpotea}gﬂ
g‘mctian. Ay Qj

orcin& F:,mctions deﬁmag the displacement

ekmo?dn‘ﬁd:modelwmmludedmtheﬁghuideof

the Lagrangian equation upm of the generalized forcing

functioan.

menmvxyhgwsdmmmmbyap-
plying the techniques of Comell.!! First we determined the
mﬁmwapmofwgwmhuafumdmw
.Then we considered the kinematics to determine the
nnmberof&eﬁmcemumdthacmmmmdbwe
summed the séiffnesses:of all contacting teeth to yield the mesh
stiffness as a function of gear position. The helical gears were
modeled as a series of staggered spur gears so that Comnell’s
method for spur gears could be applied. The time-varying
stiffness function for the spur mesh stiffness efements is shown
in Fig. 4. The positions of sudden change in the stiffness
function are positions of change in the number of tecth én
oommumddenchmpsinsdﬁmssmamjorm

m v f;.ue»—:»‘ﬁsp ,e,’ 2 wue S
A:oftwo maddalfuﬂmswhouﬂmmesm

system.

: equmh m:ﬂdeﬁnihe,hwlngaﬂﬁdbodym&
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in torsion. The sources of forced vibration fof the system used
in this stady were the time-varying mesh stiffness and displace-
ment elements. These elements were defined such that thestatic
transmission errors of the analytical model wese similar to
those of typical gearboxes. No external varying forcing func-
tions or mass imbalance effects were considered in this study.

Analvsis Techni

Both time domain and frequency domain calculations were
done to study the system of equations of the mathematical
model. We calculated the system’s natural frequencies to study
behavior in the frequency domain, and we integrated the
equations numerically using a fifth/sixth order Runge-Kutta
method!2 to study behavior in the time domain. To integrate,
one needs an appropriate set of initial conditions. In this
investigation, we set all generalized coordinates eqaal to zero,
and zero forces and torques were applied to the system. Thus,
zero potential energy was stored in the spring elements at time
equal to zero. This initial condition corresponds to the gearbox
operating at speed with negligible load and with negligible
vibration. The transition from this known initial state t0 the'full
power condition was accomplished by gradually applying
input and output torques to the system with a 0.05-sec razip-up
function. At any instant, torques corresponding to equal but
opposite power were applied to the input and output inertias.
Theumestepofthcnnmencmtegxmonwassemute
about 1/40th of the spur gear mesh period.

The procedure just described for the time domm
yiclded the system response to both the time-varying -mweh
properties and the ramp-up input and output torque fanctions.
Since we were interested in obtaining the system response to
the time-varying mesh only, a second set of time domain
calculations were done with the mesh propertics defined as
constants equal to the time-averaged mean value, This gavethe
system response to just the ramp-up functions. Then, appiying
the principle of supesposition, we subtracted the respense:to
just the ramp-up functions from that of both excitations to
determine the system response to the time-varying mesh peop-
erties only. From the system response for typicil goarbox
excitations, figures of merit, based on the vibration energy of
the system, were calculated as follows to compne dﬁdgn

options:

j‘i‘k[ﬁ dt sy e
E =% — _ G=12..,20 7

" ()

Here, E; is the vibration energy figure of ment for éing 1
k; is the spring constant; and B is the change in length 'Ofthe

L. Fmtormondmonom,ﬂnequntionmuppbddueoﬂy For
lateral motions, the two springs supporting each shaft were
converted to & singlo radial stiffness valuo, and the lateral
motions were converted from Cartesian to polar coordinates
before the figure of merit was caleulated. The figure of merit is
amcasureofmevbmionmgypamngmuhaﬁm

shaft support. ‘

TheART spmpuhmmmmoﬂlymphm
eompamdmﬁ’(ng. 1) wasthebageline designforthis study.
Variations of this design were-3iso studied by changing one
design variable at a time to explore the impact of the variable
on vibration modes and vibration energy levels of the gearbox.

The input pinion shaft angle cz(Fig. 3) was considered as a
design variable. For a given set of gears and center distances, it
defines the locations of the gear:cemters. The natural frequen-
cies of the gearbox were cdlculated asthe shaft angle was varied
from 80° to 180° (sce Fig. 6). Note that many of the natural
frequencies remain essentially constant as the shafl angle is
varied. Also, it is significant that many modes are within the
range of the gearbox meshing fundamental frequencies and
primary harmonics, the spur fundamental frequency being
2140 Hz and the helical being 275 Hz. In practice, the selection
of shaft angle would be dictated not only by predicted dynamic

7000 — 1 Helical mesh fundamental frequency —
2 Spur mesh fundamental frequency |

Natural
|
]

[

0 -
80 100 120 140 180 180
mmmm deg

Fig. 6.—Effect of shaft angle on natual frequencies and
relationships to mesh frequencies.
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calculated while the megh phase was varied as adesign varishls
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cantly for the 90° phasing. Figures 10 and 11 show the dynamic

moﬂb power paths m be. nponhiso ﬁﬁat A
Mwﬁ.mhammdm.mmmmdpa
in:mhﬁﬂ‘erm ;

wmmoﬂxloswlsxl Bin Tofead A
m&wvtusandfa‘allcmofﬂsﬁy The resuits
showed that shaft stiffness has a very significant impact on the
levelsof vibration of the gearbox. Figure 14 shows thevariation
in torsional vibration energy levels for five of the shafts of the
gearbox as the compound shaft stiffness was varied. At a
stiffness of about 6.8 X 10° in.-Ibvrad, the natural frequency of
the 16th mode of vibration coincides with the second harmonic
of the spur mesh fundamental frequency. This results in the
mmhmemwmamomemm
powerpﬂhs(meleﬁpah) As the shaft stiffness is further
» | toward 9.0X10° in.-Tvrad, the 15th mode of vibra-
ﬁﬁnmtedbythewmhsecondhmc.‘lﬁcméeof
vnbutlonisvezymna,cwsinglargemgumdisplacementsin
the right side power path.
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Fig. 10.—Shaft torques for 0°ph9hgofdualpomr
paths showing baseline levels of torsional vibration.
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Fio. 126 of shaft lateral vibration as a function 0.0 3.0 8.0 90 120 15.0x108

of mesh phase angie showing low vibration levels for ... Compound shaft stifiness, in-it/rad
0° and 180° phase angles. o
Fig. 14.—Energy of shaft torsional vibration as a function
of compound shaft stiffness.

0 ,
0.0 3.0 40 9.0 120 15.0x108

Fig. 16.—Energy of shaft lateral vibration as a function
of compound shaft stifiness.
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3.0x108 In.-Ib/rad. (b) Compound shaft stiffness = 7.8x10% in.-ib/rad.

The changes in the lateral vibration energy levels of fout
shafts are depicted in Fig. 15 as amncﬁonofthewmpound
shaft stiffness. Note that although very stroig torsional reso-
nances were essentially limited to one of the two power paths,
all four of the gearshafts had high lateral vibration levels when
a resonance was excited. The power density frequency spec-
trum of the right compound shaft torsional vibration was
calculated for the two values of shaft stiffnesses studied. These

11

‘two spectra arc presented in Fig. 16. Note that at a shaft

stiffness equal to 3.0X 108 ini.-1b/rad (Fig. 16(a)), the second

‘Wafnonic of spur mesh frequency is strongly represented.

Thue;salsosonwewgy atfrequenciesnear the 15th and 16th

‘natural frequencies even though they do not correspond to any
miesh fundamental harmonic. This would indicate that the 15th

and 16th modes are dominant ones for this system and that the
second harmonic of mesh frequency is a strong excitation



was primarily a result of the increased damping and not the low

er Sheft torsional stiffness of the device.
o Input
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e Compound, right WW
= Output

Aspmimhgeuboxwassmdiedﬁymganmdmed.
lumped spring and mass analytical model. Both frequency
domain and time domain studies weee done to determine the
effects of thiee design variables (shaft sgle, mesh phasing, and
compound shaft stiffness) on the natusal frequencies of vibra-
tion and vibration energy levels. For the time domain studies,
the time-varying gesr medh properties were the source of
vibration excitation. The equations of motion were derived by
MWMﬁMMMamm
uduaﬁfﬂahixﬁwmdn Kmmhod.'!’hem
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energy Mesh phasing at 0° and 180° produced low levels of
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3. Famsymmﬁedmm@ﬂmofm
dominant modes of vibration were significantly influenced by
the stiffness of the shafts that connect the spur gears to the
helical pinions.
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